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Abstract. Dynamic Vibration Absorbers (DVA) are widely used for passive control of structural vibrations. In their
simplest configurations, those devices have their mitigation capacity confined to narrow frequency bands, which limits,
to a large extent, their practical effectiveness. In this work, it is proposed a methodology for the optimal design of a
multimodal dynamic vibration absorber, intended to attenuate the amplitude levels around various resonant peaks
simultaneously. The optimization is done taking account design constraints. Moreover, the variability inherent to the
construction of the base structure and of the DVA itself is considered aiming at obtaining robust designs. To evaluate
the dynamic response of the dynamical system, a technique for substructure coupling based on frequency response
functions (FRFs) is used to evaluate the dynamic behavior of the coupled structure (base structure + DVA), given the
FRFs of each substructure separately. Monte Carlo simulation is used to evaluate the influence of the uncertainties on
the effectiveness of the multimodal DVA. The procedure is illustrated by numerical and experimental results obtained
for an industrial structure.
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1. INTRODUCTION

In scope of mechanical engineering, vibration control must be considered in many circumstances. To control
undesirable vibrations, two broad categories of methods are considered: active methods and passive methods. The
present work focuses on the use of dynamic vibration absorbers (DVAs) which are passive devices.

Basically, a DVA is a mass-string-damper oscillator. When connected to a primary mechanical system whose
vibration level must be attenuated, a DVA is able to capture and possibly dissipate part of the vibration energy of this
system, thus reducing the vibration amplitudes at the connection between the DVA and the primary system. Since its
invention by Frahm in the beginning of the 20™ century (Frahm, 1911), this basic type of DVA and other more involved
configurations (such as those represented by multi-degree-of-freedom systems (Ram and Elhay, 1996) and continuous
system (Snowdon and Nobile, 1980) been extensively applied to various type of machines and structures, in different
branches of the industrial activity.

Traditionally, the DVA parameters (mass, stiffness and damping) are chosen — and the DVA is said to be tuned - to
minimize vibrations generated by a harmonic excitation in the vicinity a given value of the excitation frequency.
However, the absorber tends to lose efficiency if the frequency of excitation, or one or more constructive parameters of
the DVA, change, even slightly. In such cased the DVA becomes mistuned and it is possible that vibration levels
increase with respect to the baseline condition. To circumvent this problem, a feasible strategy consists in determining a
set of parameters guaranteeing minimum amplitude of vibration in the widest possible frequency range. This procedure
is known as DVA optimization. From the pioneering works of Brock (1946) and Den Hartog (1956), various methods
of optimization were proposed, based either in the time or frequency domain responses (Rade and Steffen, 1999).

Another aspect which is becoming increasingly incorporated in structural dynamic analysis is uncertainty
propagation, which encompasses a number of numerical techniques intended to evaluate the influence of modeling or
experimental uncertainties on the dynamic responses of mechanical systems (Adhikari 2009, Sudret 2007, Worden
2005; Schiieller, 1997). Such problem is particularly relevant in the design of vibration control devices as the
attenuation performance can be strongly influenced by the presence of uncertainties. This fact leads to the necessity of
designing control systems which are as robust as possible with respect variations of their design parameters and
operational conditions.

In this context, the purpose of this paper is to present a general methodology used for the optimal design of a
multimodal dynamic vibration absorbers (MDVA), which has been conceived to attenuate vibrations in the vicinity of
an arbitrary number of target frequencies.

2. THEORETICAL FOUNDATIONS

The following developments are based on Den Hartog (1956) and Dimaragonas (1996) works. Consider the system
represented in Figure 1. We desire to attenuate the primary system vibrations by mean of a coupled DVA. It is admitted
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that the primary system is excited by a harmonic force with amplitude F, and frequency of excitation €. This
frequency of excitation has a fixed value that does not coincide necessarily with the natural frequency of the system.
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Figure 1 - Model of a primary structure with undamped dynamic absorber (Cunha Jr., 1999).

The steady-state amplitude X, of the primary system is given by:
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where:

w, = ﬁ . natural frequency of the primary system, considered alone (2.9)
ml

w, = K : natural frequency of the DVA, considered alone (2.b)
m2

It can be observed in Eq. (1) that the response amplitude of the primary system vanishes when the numerator is zero,
which occurs when the excitation frequency Q coincides with the natural frequency of the DVA, ,. From the
graphical representation of Eq. (1) in Figure 2, one can notice the typical FRF of a 2 degree-of-freedom system with
two natural frequencies. The introduction of the DVA allows to generate an anti-resonance in the frequency response
function (FRF) at Q =, .
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Figure 2 — FRF of the primary mass m;, for m,/m; = 0,20.

An optimal DVA design should preferably attain a maximum attenuation of vibrations in a relatively large
frequency band centred on a nominal target frequency. This goal can be achieved with the introduction of an energy
dissipation mechanism (damping) in the absorber. The damping also plays the important role of limiting the amplitude
of vibration of the absorber itself, which allows satisfying design constraints related to fatigue endurance (Dimaragonas,
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1996). Consider the system represented in Fig. 3, composed of a DVA with viscous damping (m,, c,, k,) attached to an
undamped primary system (my, ky).

[ Absorber

F(t)

Primary
Structure

% 2

Figure 3 — Primary system with a DVA with viscous damping.

One can easily derive the following expression for the amplitude X; of the primary system, in terms of
dimensionless parameters:
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where:
w=m,/m : mass ratio;
®, = (k2 / mz) : undamped natural frequency of the DVA (isolated);
®, = (k1 / ml) : natural frequency of the primary structure, (isolated);
f=0,/o,  ratio of natural frequencies;
9= w, - ratio of forced frequencies;
C, =2m,w, : critical damping;
n=cjc, : damping factor;
X =Ry /K  static deflection of the primary system.

Figure 4 depicts the plots of the dimensionless response amplitudes considering «=1/20 and f =1, and different
values of the damping factors. It becomes clear that the introduction of damping in the DVA leads to lower average
vibration amplitudes in a wider frequency band around Q/@, =1, as compared to undamped DVAs. However, very
high damping can cause the two masses be virtually linked so as to form a one-degree-of-freedom system with mass
m,+m,.
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Figure 4 — Response amplitudes of the primary mass m; for different values of the damping in the DVA.

As demonstrated in numerous studies (Cunha Jr., 1999), the theory presented above can be extended to the
case in which the DVA is composed by a continuous structure. In this case, attenuation of the vibrations of the primary
system can be achieved in the vicinity of each natural frequency of the DVA, with the point connected to the primary
system grounded. This is the case considered in the present study. Figure 5 illustrates the DVA geometry, which is
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resembles a flower, each petal of which is designed to behave like a cantilever beam with a concentrated mass at the
free end. The design procedure consists in determining a set of geometrical parameter values in such a way the natural
frequencies of the beams match the target frequencies.

2.1. Substructure coupling based on FRFs

The technique, originally proposed by Crowley et al. (1984) and Otte et al. (1991), was recently adapted by Rade
and Steffen (1999) to the problem of optimization of DVAs parameters.

The main objective is to determine FRFs of the coupled system (primary system + DVAS), starting from FRFs of the
primary system and FRFs of the DVAs. The FRFs of the coupled system can be then used in optimization procedures.

LetH, be the driving point FRF of the primary system and H, the FRF of the DVA, related to the connecting point

of each substructure, the frequency response H, of the coupled system, at the coupling point, can be obtained from the
following expression:

HC:HA(HA+HB)_1HB Q)

It has been shown in previous studies that the use of such coupling technique is very advantageous in a number of
circumstances, in particular because it enables to predict the dynamic behavior of the coupled system by mixing
numerical and experimental data, as it has been done in this study reported herein.

2.2. Uncertainty propagation

When designing a mechanical system, we have to keep in mind that the inevitable presence of uncertainties are
likely to affect different stages of analysis and design. Uncertainty is generally classified into two main categories,
namely epistemic or reducible uncertainty, and random or irreducible uncertainty (Oberkampf, 2002). The first one is
due to a lack of knowledge and takes place for instance in the choice of the constitutive laws. Random uncertainty, on
the other hand, is inherent to the system and its operation environment. Mechanical properties, components assembly,
manufacturing tolerances are subjected to this type of uncertainty. Mechanical systems which are little sensitive to those
uncertainties are said to be robust.

An important step in the design of a robust system is the propagation of uncertainty through its numerical model. As
the ultimate purpose of this study is to obtain robust DVAs, in this study Monte Carlo simulation is used to evaluate the
influence of manufacturing uncertainties (especially tolerances), based on a simplified model of the DVA.

A model of uncertainty is needed to perform uncertainty propagating and, for this, various methods can be found in
the literature. Probabilistic (Schuller, 1997), interval (Dessombz, 2001) or fuzzy (Massa, 2008) approaches are the most
common representations used in mechanical engineering. In this paper, a classical probabilistic propagation is applied.
Probability density functions (PDFs) are associated to some geometrical model parameters to represent tolerance
uncertainty, a Latin Hypercube sampling (Helton 2003) is then carried-out to obtain input samples that are propagated
through a finite element model. The lower and upper bounds of the driving point FRF related to the connection point
between the primary system and the DVA are evaluated. The results are presented at the end of section 3.

3. METHODOLOGY

Initially, the DVA was modelled with plate elements. However, due to the high computational cost involved in the
optimization using such a complex model, it was decided to replace the plate model with a model composed of three-
dimensional beam and concentrated mass elements. The numerical model was modelled with the software ANSYS
using elements SHELLG3, for the plate model and BEAM4 and MASS21 for the equivalent beam model of beams.
Figure 5 illustrates the two models used.

It should be noted that the model with shell elements is the real geometry of the DV, to be used in its construction,
while the simplified beam model is used in the optimization procedure.

The main advantage of working with beam models is a lower computational cost, since they generally have a
smaller amount of degrees of freedom. Another relevant advantage is that an analytical expression of the first natural
frequency of a clamped-free beam with concentrated mass in the free extremity is available in the literature (Blevins,
2001):
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where E is Young modulus, I the second moment of area of the beam cross section, | the length of the beam, My, the
total mass of the beam and M the concentrated mass

SHELL63 BEAM4+MASS21
Figure 5 — Finite element model of the DVA.

Equations (7) establish the relations between the geometric characteristics used to generate the models based on
shell (Fig. 6 (a)) and beam elements (Fig. 6 (b)).
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Figure 6 — Geometrical characteristics of the two models of DVA.

M, =H_ espL,.p (mass of the beam)
M =7z.R *esp.p (concentrated mass at the free extremity) @)
3
_ H,.esp

P (area moment of inertia of the beam)

Some numerical tests were performed to compare the eigenfrequency values obtained from each model. This
comparison is shown in Table 1, revealing that the beam model provides eigenfrequencies very close to those obtained
with the shell model, with an average deviation slightly larger than 1%. Thus, it can be concluded that the simplified
model satisfactorily represents the dynamic behaviour of the DVA in the context of the considered project.

Table 1 — DVA natural frequencies obtained for the two types of models.

SHELL 301.68 1901.1 5348.8 10532 17494 26262 36869 49355 63773 80183 Mean

BEAM 286.18 1847.8 5271.7 10473 17482 26301 36925 49347 63558 79553 | Deviation

Deviation (%) | 5.14 2.80 1.44 0.56 0.07 0.15 0.15 0.02 034 0.79 1.10

Once validated the equivalent beam model, a procedure was carried-out aiming at optimizing the parameters of the
DVA beams (H,, Ly, Rm) to attenuate a given number of resonance amplitudes of a flat plate, whose FE model is shown
in Fig. 7a. The optimization procedure was adopted as follows:

1) Modeling of the plate using program ANSYS® and performing modal analysis to obtain the first four

eigenfrequencies of the plate, which were considered as the target frequencies;

2) Performing harmonic analysis of the plate alone to obtain the FRFs in the frequency range including the target
frequencies;

3) Determination of the optimal geometrical parameter values of the DVA using an optimization routine writen in
MATLAB®. Successively applied to each beam of the DVA, the objective function of the optimization procedure
represents the absolute difference between the target frequency and the first eigenfrequency of beam. The
optimization procedures implemented with the function fmincon of Matlab were used. The design variables
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adopted are: L, H, and Ry, (see Fig. 6a). The objective function and the constraint equations are given in Eq. (8)
and (9), respectively.

fobj =min (| fplate - fDVA|) (8)
0.015<L, <0060 ; 0.005<H <0015 ; 0.6H,<R <2H, )

4) Coupling of the optimized DVA to the center of the plate and performing new harmonic analysis to obtain the
FRF of the plate+DVA aiming at evaluating the DVA’s performance. Figure 7b shows the plate with the DVA
attached to its center through a rigid rod.

@ ()

Figure 7 — a) Rectangular flat-plate model; b) Detail of the coupling plate-DVA.

Tables 2 and 3, respectively, show the values of the geometric properties of the base plate and the optimized DVA.
For both the plate and the DVA, the used material is the steel. The thickness of the DVA is 1mm.

Table 2 — Base plate properties.

Width [m] Length [m] Thickness [m]
0.3 0.3 0.002

Table 3 — DVA properties.

Frequency Lengthl, WidthH, Radiusofthe  Equivalent concentrated

(Hz) [m] [m] circle Ry, [m] mass M. [m]
198 0.0299 0.0120 0.024 0.0142
724 0.0211 0.0054 0.007 0.0012
1204 0.0172 0.0042 0.005 0.0006
1694 0.0134 0.0097 0.008 0.0016

It should be remembered that the DVA consists of pairs of symmetrical beams, the number of which correspond to
the number of target natural frequencies. The set of design parameters is formed by the geometrical parameters of each
individual pairs of beams.

Figure 8 compares FRFs of the plate before and after the coupling with the DVA at the connection point.

| [—Plate without VA
| ---Fiate + DVA without damping |
T
I

Amplitude [¢8]
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Frequency [Hz]

Figure 8 — Comparison of the plate FRFs with and without coupled DVA.
(note: amplitudes in dB with reference 1.0x10°)
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One can verify that, upon introduction of the DVA, the FRF of the composite system plate-DVA has antiresonances in
the values corresponding to the eigenfrequencies of the plate. However, there are also two new resonances in the
neighbourhood of each frequency, which makes the DVA effective in very limited frequency band around the target
frequencies. This situation can be avoided with the inclusion of damping in the DVA (Brock, 1946), making these two
peaks to decrease dramatically or even disappear. To preliminarily evaluate this possibility, it was arbitrarily added to a
2% modal damping into the DVA model, providing the FRF shown in Fig. 9, which confirms that the inclusion of
damping improves the effectiveness of the DVA in terms of amplitude reduction. A constant modal damping factor of
2% was arbitrarily chosen in order to account for inherent dissipation, which is a value typically found in assembled
structural systems.

—Plate without ADV
a0l | ---Plate + DVA without damping |
| —Plate + DVA with damping |

Amplitude [db]

i
200 400 600 800 1000 1200 1400 1600 1800 2000
Frequency [Hz]

Figure 9 — FRF of the plate+DVA with and without damping.

To account for manufacturing uncertainties (dimensional tolerances), the dimensions L,, H, and R, are assumed to
be subjected to random variability. No study was conducted with experimental DVA prototypes to determine the most
adaptated PDF associated with this dimensional uncertainty. As our knowledge about the uncertainty is minimum, for
each parameter, we chose to a priori represent the uncertainty with a uniform PDF of relative small dispersion. Let p©

be the nominal value of a parameter, then the lower and upper bound of the uniform PDF are respectively 0.95p and

1.05p@ . The distribution is sampled by Latin Hypercube to obtain 1000 samples. The samples are propagated through

the damped FE model (with 2% modal damping) and the driving point FRFs related to the connection point are
calculated. In Figure 10 are plotted the FRF amplitudes for the plate without DVA (dashed line), for the plate with the
nominal optimal DVA (centred thick line) and the envelopes of the FRF samples which delimit an uncertainty zone
coloured in grey. It can be noticed that the uncertainty zone does not cover the first and fourth peaks of the FRF but
covers the second and the third. This covering indicates that those resonances might not be satisfactorily attenuated for
some parameter values resulting from tolerance uncertainties. Based on those visual considerations, one can conclude
that the coupled system is more robust with respect to parameter uncertainties for the first and fourth modes than it is
for the second and the third modes. As the DVA fails to attenuate in a robust manner some target frequencies, a robust
optimization of the DVA becomes necessary. The robust optimization is not intended in this preliminarily study but
robustness should be addressed in further developments.

—FRF envelop Plate+ADV FRF (nominal)
FRF uncertainty zone ---Plate FRF

Amplitude [db]
o

200 400 800 800 1000 1200 1400 1600 1800 2000
Frequency [Hz]

Figure 10 — FRF envelop of the coupled system after uncertainty propagation.
4. APPLICATION TO AN INDUSTRIAL STRUCTURE

The procedure was tested upon application to a hermetic refrigerator compressor provided by EMBRACO.
Experimental tests were carried-out with the following equipment: signal analyser Agilent model 35670A; impact
hammer with load cell PCB model 086C01 with nominal sensitivity 11,2 mV/N; accelerometer PCB model 352C22
with nominal sensitivity 0,91 mV/ms™; inertial table; cables and connections. The compressor was suspended through
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flexible nylon strings so that free boundary conditions were obtained. The experimental assembly is shown
schematically in Fig. 11(a) and 11(b).

Twenty two points were marked along the planes of symmetry of the compressor. The tests were performed by
placing the accelerometer at one of these points and impacting with the modal hammer at the others. Figure 11(c) shows
in detail the compressor with some of the test points.

As an example, Fig. 12 presents the amplitude, phase and coherence functions of the driving point FRF related to
point lin the frequency band [2000 Hz ; 6400 Hz] with a step frequency of 4 Hz. A DVA was calculated to attenuate
simultaneously four resonances, which were chosen arbitrarily in this frequency band. The optimization and the
coupling of the optimized DVA were conducted according to the procedure described in Section 3. The target modes
are those related in the following natural frequencies: 3160 Hz, 3404 Hz, 3684 Hz and 4824 Hz.

(a) hermetic compressor (b) signal analyzer (c) detail of the tested compressor
Figure 11 — Experimental bench.

After optimization, dimensions found were those shown in Table 4. The steel plate thickness of 0.001m was
considered. The lateral constraints imposed to the optimization procedure were:

0.010<L, <0020 , 0.001<H,<L, , 0.6H,<R <2H, , M, =7zR esp.p

Table 4 — Optimal dimensions of the DVA.

Frequency (Hz) Length L, (m) Width H, (m) Concentrated mass M, (kg)
3160 0.0090 0.0046 7.474 x 10
3404 0.0089 0.0048 6.960 x 10™
3684 0.0083 0.0041 6.318 x 10™
4824 0.0069 0.0048 7.468 x 10™

With those dimensions, the DVA is simulated in ANSYS and harmonic analysis with modal superposition is
performed to obtain the FRF of the DVA in the frequency band of interest. Figure 13 shows the FRF of the compressor
and the DVA obtained in ANSYS. The target frequencies are 3160, 3404, 3684 and 4824 Hz.

Using the procedure described in Section 3, we can find the FRF of the coupled ensemble. The coupling was done
for two different cases: DVA without damping and DVA with 2% of the modal damping. The FRF of the system
compressor-DVA was computed by using the coupling procedure described in Section 2.1.

Figure 14 shows the comparison between the FRFs of the compressor without DVA and those of the combined
structure compressor-DVA. It can be clearly perceived that the modes of interest were strongly attenuated, especially
when damping is included in the DVA. As expected, it can be seen that the inclusion of the DVA entails the
appeareance of additional resonance peaks, inside and outside the target frequency band. However, in actual situations,
such amplitude peaks can be attenuated by the introduction of additional damping, such as viscoelastic treatements.

As in section 3, parameter uncertainty is propagated through the coupled system. The lower and upper bounds of the
used uniform PDFs are respectively 0.98p® and 1.02p® . Amplified pictures of the FRF around the target frequencies
are presented in Fig. 15. It can be noticed that the system is robust to uncertainty for the second target frequency (3404
Hz) since the superior envelop of the uncertainty zone is of very low amplitude. The resonances of the first and two last
target frequencies (3160 Hz, 3684 Hz and 4824 Hz) are not really covered by the uncertainty zone but for each one,
appear peaks of high amplitude near the resonances to attenuate. Considering the magnitude of the uncertainty zone, the
natural frequencies 3160 Hz, 3684 Hz and 4824 Hz are attenuated even with variability in the DVA parameters but the
problem is shifted to neighborhood resonances. We consider the DVA really robust if no generated resonances exist.
Clearly, this effect can be mitigated by increasing the DVA damping, whose level is limited by practical constraints.
Nonetheless, the results demonstrate the interest and necessity of developing a robust optimization method for the DVA
that will consider target frequencies but also neighborhood resonances induced by the DVA.
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Figure 12 — Experimental FRF and coherence function Figure 13 — Experimental FRF of the compressor alone
and FE-computed FRF of the DVA.
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Figure 14 — Comparison of the FRF of the compressor with the FRFs of the system compressor-DVA.
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Figure 16 — FRF envelop of the system compressor + DVA after uncertainty propagation.

5. CONCLUSIONS

A methodology for optimal design of a multimodal dynamic vibration absorber was described in this paper. In the
optimization, numerical evaluations of the DVA’s natural frequencies were made with FEM composed with beams and
point masses; this model predicts satisfactorily the response of the system with little computational effort and can be
advantageously coupled with the experimental FRFs of the real primary system, by using a very efficient coupling
procedure based on FRFs (either experimental or numerical) of the subsystems. Uncertainty propagation was also
performed to evaluate the robustness of the system with respect to randomness which is inevitably present in real-world
designs. The main interest is to evaluate the influence of geometrical variations on the attenuation performance of the
DVA. The results obtained from Monte Carlo simulations demonstrate that such influence vary according to the target
mode and indicate the necessity of performing the optimal design of the DVA in the framework of robust optimization
techniques. Such development is currently conducted by the authors.
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